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Abstract

Conjugate turbulent natural convection and surface radiation in rectangular enclosures heated from below and cooled from other
walls, typically encountered in Liquid Metal Fast Breeder Reactor (LMFBR) subsystems, have been investigated by a finite volume
method for various aspect ratios. The formulation comprises the standard two equation k—¢ turbulence model with physical boundary
conditions (no wall functions), along with the Boussinesq approximation, for the flow and heat transfer. As far as radiation is concerned,
the radiosity — irradiation formulation for a transparent fluid of Prandtl number 0.7 has been employed. The conjugate coupling on the
walls has been handled by using a fin type formulation. The Rayleigh number based on the width of the enclosure is varied from 10° to
10'? and the aspect ratio is varied from 0.5 to 2.0. Detailed results including stream lines, temperature profiles, and convective, radiative
and overall Nusselt numbers are presented. A correlation for the mean convection Nusselt number in terms of Rayleigh number and
aspect ratio is proposed for design purposes. The influence of the wall emissivity and the external heat transfer coefficient on the heat

transfer from the enclosure has also been investigated.
© 2006 Published by Elsevier Ltd.
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1. Introduction

Natural convection finds applications in areas like cryo-
genics, electronics, acronautics, chemical apparatus, build-
ing engineering, solar energy collectors, aerospace systems
and nuclear reactor design. In many practical situations,
the dimensions of the enclosure are large that the resulting
natural convection is turbulent in nature. Natural convec-
tion in enclosures is often coupled with surface radiation
heat exchange among the walls of the enclosures in trans-
parent fluid media such as air. Surface radiation modifies
the wall temperature distribution which, in turn, affects
the natural convection bringing in, the interaction effects.
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Aydin and Yang [1], numerically studied, laminar natural
convection of air in a two dimensional, rectangular enclo-
sure with localized heating from below and symmetrically
cooling from the sides for Rayleigh number values 10°—
10°. They found the flow and temperature fields to be
symmetric about the mid width of the enclosure due to
the symmetry of the boundary conditions. Hasnaoui
et al. [2], numerically, investigated laminar natural convec-
tion in an enclosure with localized heating from below and
cooled from the top at a constant temperature. The key
parameters of the problem were the cavity aspect ratio,
position of the heat source and the Ra number up to
5 x 10°. They found multiple steady state solutions for a
given set of governing parameters. Hawkines et al. [3] mod-
eled buoyancy driven laminar natural convection in an
enclosure heated from below, cooled from the top with a
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Nomenclature

AR aspect ratio of the enclosure, H/W

B radiosity, W/m?

C, isobaric specific heat of the fluid, kJ/kg K

C., C.1, Cp, Cy3 constants in the turbulence model

F,_;  view factor from element i to j

g acceleration due to gravity, 9.81 m/s?

G irradiation, W/m?

h heat transfer coefficient, W/m? K

H height of the enclosure, m

Kegr effective thermal conductivity, W/m K

k¢ thermal conductivity of fluid, W/m K

ky thermal conductivity of enclosure walls, W/m K

k turbulent kinetic energy, m?/s’

L characteristic length of the enclosure, m

Nuc mean convection Nusselt number, gc L/kAT

Nug mean radiation Nusselt number, gr L/kAT

Nur total Nusselt number, Nuc + Nugr

p pressure, Pa

Pr Prandtl number, v/«

qc convective heat flux, W/m?>

qr radiative heat flux, W/m?

Ra Rayleigh number, gBATL?/va

T temperature, K

AT temperature difference, K

ty thickness of enclosure wall, m

u, v horizontal and vertical velocity components,
m/s

w width of the enclosure, m

X,y horizontal and vertical coordinates, m

Greek symbols

o thermal diffusivity of fluid, m?/s

p isol?aric cubical expansion coefficient of fluid,
K-

€ dissipation rate of k, m?/s°, also hemispherical
total emissivity of the enclosure surfaces

Vi stream function, m?/s

u dynamic viscosity of the fluid, Ns/m>

Ut turbulent viscosity, Ns/m?>

v kinematic viscosity of fluid, m*/s
density of the fluid, kg/m?

o Stefan-Boltzmann constant, 5.67 x 1078 W/
m’ K*

oy, 0T, 0, turbulent Prandtl numbers of k, T and ¢

Subscripts

a air

b bottom wall

c cold wall

ext external

h hot wall

max maximum value

values related to radiation
turbulent
total contribution of convection and radiation

=~ w

horizontal partition and having an opening between the
two chambers. Based on their numerical study, they
proposed a correlation for the average Nusselt number
for various values of the compartment aspect ratio. All
these studies did not take into account of radiation heat
transfer. Lacoa and Campo [4] studied the interaction of
laminar natural convection and thermal radiation in a
square cavity with differentially heated vertical walls. They
found that the interaction effects are significant for lower
values of Ra, while the converse is true for higher values
of Ra. They also found that the radiation Nusselt number
has a power law relation with the Rayleigh number.
Balaji and Venkateshan [5] carried out a numerical inves-
tigation of free convection coupled with surface radiation in
a rectangular enclosure. They concluded that calculations
that include radiation are more realistic, since it is impossi-
ble in practice to have a surface with zero emissivity. Mar-
celo et al. [6] investigated natural convection in rectangular
enclosures heated from below and symmetrically cooled
from the sides using the stream function-vorticity formula-
tion for Rayleigh numbers from 10° to 107 and aspect ratios
from 1 to 9. The flow structure was found to form a counter

clockwise cell for all the cases studied, except for a small sec-
ondary cell in some cases for a uniform temperature at the
cavity floor. They also reported the influence of Ra, Pr and
AR on the motion and on the energy transport. November
and Nansteel [7] studied natural convection in rectangular
enclosures heated from below and cooled along one side.
Asymptotic expressions were determined for the tempera-
ture and the heat transfer rate near the flux singularity on
the enclosure floor. An experimental and numerical study
of free convective heat transfer in square enclosures heated
from below was carried out by Calcagni et al. [8] for values
of Ra in the range of 10°-10°. The local Nusselt number was
evaluated on the heat source surface. The variation of the
local Nusselt number on the heat source and the average
Nusselt number were presented.

Markatos and Pericleous [9] analyzed buoyancy driven
laminar and turbulent flow and heat transfer in a square
cavity with differentially heated side walls. In this study a
series of Rayleigh numbers (Ra), ranging from 10° to
10'® was analyzed and correlations for the maximum, min-
imum and average Nusselt numbers were presented. The
correlations were compared with experimental data. Hen-
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kes [10], studied turbulent natural convection in enclosures
filled with air and water, using the standard k—& model
and found the transition Rayleigh number to be very
close to the stability limit of steady state laminar solution.
The standard k—¢ model of turbulence permits to find
Rayans ~ 108 for air and Ra ~ 10'° for water. Henkes and
Hoogendoorn [11] carried out a comparison of numerical
results obtained by 10 groups of researchers for a standard
test case, which was defined for turbulent natural convec-
tion flow in an enclosure and presented a standard solution
for turbulent natural convection in square cavities. Bilgen
[12] studied laminar and turbulent natural convection in
an enclosure with partial partitions. The two dimensional
conservation equations of mass, momentum and energy,
with the Boussinesq approximation, were solved using the
SIMPLER method. The Rayleigh number was varied from
10* to 10'". A correlation for the heat transfer rate for
10° < Ra < 10" was derived for practical design problems
with the partition hanging from the ceiling and extended
from the floor. The partitioned walls were found to influ-
ence the heat transfer and flow distribution significantly.

The above review of literature indicates that laminar
natural convection in bottom heated enclosures has been
studied for pure natural convection condition as well as
its interaction with surface radiation. Literature on turbu-
lent natural convection is abundant for the traditional case
of differentially heated vertical walls with adiabatic hori-
zontal walls. However, literature on turbulent natural con-
vection for bottom heated enclosures appears to scarce,
despite its practical relevance in the fields of building design
and research and design of LMFBR sub-systems. The pres-
ence of other modes of heat transfer (i.e., radiation and
conduction in the walls) significantly influences the gener-
ally weak natural convection. Hence, it is essential to have
a comprehensive investigation of the interaction effects
between turbulent natural convection and other modes of
heat transfer. In the present study, we have analyzed the
interaction effects between surface radiation and turbulent
natural convection in enclosures heated from below. The
influence of the wall emissivity and the external heat trans-
fer coefficient on the heat transfer from the enclosure is also
investigated in detail. The modeling is made more realistic
by including conjugate convection in the wall, mimicking a
LMFBR subsystem, for example.

2. Physical and numerical modeling
2.1. Physical model and assumptions

The schematic of the two dimensional enclosure of
height H and width W (in this study, W = L, the character-
istic length of the enclosure) is depicted in Fig. la. The
walls of the enclosure are of finite thickness ¢,, and finite
thermal conductivity k. The floor of the enclosure is main-
tained at a constant temperature, 7}, the external surfaces
of which are exposed to ambient temperature at 7, with a

a Tc, h
T.,h T, h
Ty
b S 9 Gl’ Tl |
| v 22 |

Fig. 1. Physical model and heat balance for elemental wall.

heat transfer coefficient of /. and the internal surfaces of
the enclosure walls are exposed to turbulent natural con-
vection of air and surface radiation heat exchange. Air is
assumed to be incompressible and radiatively non-partici-
pating, with the change in density being incorporated
through the Boussinesq approximation.

2.2. Governing equations

The turbulent flow considered is described mathemati-
cally by the Reynolds averaged Navier Stokes (RANS)
equations, including the time averaged energy equation
for the mean temperature field that drives the flow by the
buoyancy force. The RANS equations for mass, momen-
tum and energy conservation reduce to:
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For the k—¢ turbulence model the following constants are
used:

C,=009;C,=144,C,, =192;01r =1.0;6, = 1.0 and
g, =13

In the present model, C, is taken as tanh (v/u), as sug-
gested by Henkes [10]. No wall functions are used and suf-
ficiently fine grids are employed close to the walls, to enable
integration up to the walls.

The bottom wall is isothermal at 73}, while the tempera-
ture variation along the other three walls can be deter-
mined including the effect of surface radiation, turbulent
natural convection of air and heat conduction in the wall,
considered in conjugation. The walls are sufficiently thin
so that the temperature variation in the thickness direction
is negligible. Thus, the generalized energy balance equation
over an elemental wall segment by considering the wall to
be a fin (one-dimensional approximation) having diffuse
gray surfaces, shown in Fig. 1b, can be expressed as

2

k aa]; 4 q + q, + 81G1 + ?sz
where ky, t,, and T, are the thermal conductivity, thickness
and temperature of the wall, s is the length measured along
wall and ¢ is the hemispherical emissivity of the wall sur-
face. G is the irradiation falling on the wall surface and
subscripts 1 and 2 refer to conditions on the external and
internal surfaces of the wall. The convective heat flux, ¢,
is evaluated from the ambient fluid temperature, ambient
heat transfer coefficient and T,. The convective heat flux,
¢», is evaluated from ¢, = k(T — Ty)/An, where ks and T
are the thermal conductivity and local temperature of fluid
in the enclosure, adjacent to the wall, respectively, and An
is the normal distance of the first fluid node from the wall
surface. The irradiation is related to radiosity (B), through
the relation

B[ = Sl'O'T:lvi +

(81 +82)O’T:V, (7)

(1 - Si)Gi; (8)

where subscript i is the index of the elemental segments
forming the enclosure. Substituting for G in terms of B
and using the inverse relationship, we get

G = ZBF,Jand Z{”

where F;_; is the shape factor from segment i to segment j,
djj is the Kronecker delta and N is the total number of radi-
ating segments. Eq. (7) forms a set of tri-diagonal algebraic

I)F’ ’}B =aT!, (9)

equations on discretisation, for the nodal temperatures of
each wall, which need to be solved in conjunction with
Egs. (8) and (9). It is also connected to Egs. (1)-(6),
through the wall temperatures T,,. Thus, the interfacial
requirements are the continuity of temperature and heat
flux between adjacent media.

The wall under consideration for a typical application
like LMFBR subsystems is thin and so t, = 10 mm. The
wall material is assumed to be stainless steel with
kw =20 W/m K. Even with the highest assumed value of
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Fig. 2. Variation of the local Nusselt number on the bottom wall for
various grid sizes.

Table 1
Comparison of the predicted mean Nusselt number on the vertical walls of
the enclosure and non dimensional maximum velocity with benchmark
results

Rayleigh  Present study De Vahl Davis [15] % Deviation
MmPer Ny Vi N Viwe Nt Ve
10° 1.127 3.661 1.118 3.697 0.805  0.97
10* 2258  19.417 2.243 19.617 0.66 1.0
10° 4499  68.86 4.519 68.59 0.44 0.39
Table 2

Comparison of present predictions of average Nusselt number with
published solutions for turbulent natural convection

Rayleigh Average Nusselt number

number Present Markatos Henkes Dixit Elsherbiny et al.
study and [10] and [19]

Pericleous Babu (Experimental)
9] [16]

10° 3097 32.04 - 30.50 28.78

10° 58.33 74.96 58.51 57.35 62.0

10'° 130.77  159.89 137.5 103.66 133.57

10" 3259 341.05 320.96 - 287.78

10'2 673.80 727.47 744.68 - 620.0
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the external heat transfer coefficient (/ey) of 40 W/m? K,
the Biot number, Bi = lextw/ky is 0.02 and so the one
dimensional fin model for the solid walls is justified.

2.3. Boundary conditions

Eqgs. (1)—(6) are subjected to the boundary conditions,
u=0, v=0, k=0, g¢=o0 (numerical infinity) and
T = Ty, on the solid walls. For the limiting case of infinite
heat transfer coefficient on the external surface the left,
right and top walls are isothermal at 7. The floor or the
bottom wall is subjected to an isothermal condition of T},
for all the cases. For the cases where interaction of radia-

Isotherms — present study

tion with turbulent natural convection is investigated, the
outer surfaces of the left, right and the top walls are sub-
jected to an external convective heat transfer coefficient

Table 3
Comparison of the Nusselt number and non dimensional maximum
velocity

Rayleigh Present study Hawkines et al. [3] % Deviation
MmO Ny Vi Nu Vo Nu_ Vi
10* 2.16 21.67 217 22 05 15
10° 3.98 99.4 3.93 104 1.2 44
10° 7.22 385 7.25 395 04 25

Isotherms —Hawkines et al [3]
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Fig. 3. Comparison of temperature contours with the numerical results of Hawkines et al. [3].
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of 5W/m?K (unless otherwise stated), while the bottom
wall is kept isothermal at 7.

2.4. Solution methodology

For the numerical solution of these equations, the prim-
itive variable approach, wherein the velocity components
and the pressure are independent variables, is adopted.
The spatial derivatives in the equations are discretized
using the finite-volume method. The enclosure is filled with
a non-uniform rectangular staggered grid, with a very fine

Velocity vectors — present study
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spacing near the walls, for accurately resolving the steep
gradients in the thin buoyancy-driven boundary layers. A
grid distribution scheme, suggested by Henkes [10], is used
to enable fine grids near the wall and coarse grids away
from the walls which results in very low values for y*
(" =y u/v, u, is the frictional velocity given by Vw/p
where 1y, is the wall shear stress). Typically, for turbulent
natural convection flows, the viscous sublayer extends up
to " & 1. These low values for y* (<0.35) imply that the
present calculations are able to resolve even the viscous
sublayer. The SIMPLE algorithm proposed by Patankar

Velocity vectors -Hawkines et al. [3]
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Fig. 4. Comparison of velocity vectors with the numerical results of Hawkines et al. [3].
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and Spalding [13], is used to resolve the pressure—velocity
coupling. The discretised equations are solved using the
line by line Thomas algorithm with two directional sweeps.

As regards radiation, the view factors were evaluated
using the Hottel’s crossed string method [14]. The radiosi-
ties of the elemental wall surfaces are expressed as a func-
tion of elemental wall surface temperature, emissivity and
the shape factors. The radiosity (B;) and temperature (7;)
are connected by a matrix of the type

[4;;] {B:} = {oT}} (10)

The inverse of the matrix [4, ;] is determined (only once) by
the Gauss elimination method. The coefficients of [4] are
constants and depend only on the emissivity and the shape
factors have no dependence on the temperatures.

In order to determine convergence criteria of the itera-
tive solutions, the absolute sum of the errors in the discret-
isation equations of all the points for any variable @, is
taken as the error = 1, lay$, — > aw®,, — b|; and is nor-
malized with respect to a reference value. The reference
value for the continuity equation is the recirculation mass
flow rate, i.e., fow/z pUy—p»dx, where w is the width of the
enclosure and v is the vertical velocity at mid height. For
the momentum equation, it is the recirculation flow rate
multiplied by maximum velocity in the domain. For the
energy equation it is the mass flow rate multiplied by
the specific heat and temperature difference. Similarly for
the k and ¢ equations, it is the mass flow rate multiplied
by maximum values of k and ¢ inside the domain. The nor-
malized error should be less than 107> for all the variables.
At the same time, important parameters like Nuc, Nug,
heat transfer rates for various walls surfaces and velocities
are monitored all through the iteration along with heat
imbalance. At convergence, the heat imbalance criterion
is set as 0.1% and the variables at the monitoring locations
simultaneously satisfy the normalized error criteria, dis-
cussed earlier.

3. Grid independence study and validation

The independence of the solution with respect to the
grid size is studied for a Rayleigh number of 10'” and an
aspect ratio (AR) of 1.0. Three different grid sizes of
42 x 42,62 x 62 and 82 x 82 are used for the grid indepen-
dence study. The smallest grid size in the case of 42 x 42
grids is ~5 x 107> and the same in the case of 82 x 82 grids
is ~2 x 107°. Fig. 2 shows the variation of the local Nus-
selt number on the bottom wall of the enclosure for various
grid sizes. It is clear that the variation of the local Nusselt
number on the bottom wall for various grid sizes is nearly
identical. The maximum difference in terms of the overall
Nusselt number for the various grids is less than 0.85%,
indicating that a 42 x 42 grid is sufficient to model accu-
rately the heat transfer and fluid flow inside the enclosure.
Hence, a grid size 42 x 42 has been used in all the subse-
quent computations for Ra < 10'. For Ra>10', a

180 x 180 grid leading to grid independent solutions is
used.

The code is validated first for the limiting case of lami-
nar natural convection with the bench mark solution of
De Vahl Davis [15] with a uniform grid of 42 x 42. The
comparison is performed for the case of a square compart-
ment with differentially heated vertical walls and adiabatic
horizontal walls, for Ra = 10%, 10* and 10°, in terms of the
average Nusselt number and maximum velocity in the
enclosure. The results obtained with the present code along
with the percentage deviation with respect to the results
given in [15] are given in Table 1. It can be seen that the
agreement is very good, with a maximum deviation of only
1% in the mean Nusselt number and the vertical velocity.
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Fig. 5. Variation of the average Nusselt number on the bottom wall with
time for AR = 1.0.
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Fig. 6. Variation of the average Nusselt number on all four walls of the
enclosure with time for Ra = 10® and AR = 1.0.
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To validate the numerical code for turbulent simula-
tions, natural convection of air in a square compartment
has been considered for Rayleigh numbers in the range
from 10% to 10'? and the results obtained are compared
with those of Markatos and Pericleous [9] as well as the
work reported by Henkes [10]. Table 2 gives a comparison
of these results in the form of average Nusselt number. The
maximum deviation at the high Ra number is, respectively,
9.5% and 7.4% when compared with numerical results of
Henkes [10] and Markatos and Pericleous [9]. Also pre-
sented in the same Table are the very recent results of Dixit
and Babu [16], who used a thermal lattice Boltzmann

Streamlines

method, based on the BGK model to simulate high Ray-
leigh number natural convection in a square enclosure. In
addition to the above comparisons, the results of the exper-
imental correlation proposed by Elsherbiny et al. [19], for
large aspect ratio enclosures with air as the medium, for
Ra number up to 107 are highlighted in the table. It can
be seen that the predictions of the present study are closer
to the experimental data than the other numerical results.

Similarly, the problem of laminar natural convection in
a square enclosure with isothermal top and bottom walls
and adiabatic side walls was solved using the code. The
bottom wall is hot and the top is cold. The predicted results

Isotherms

1)

=)

-
)

S

Fig. 7. Streamlines and isotherms: (a) AR = 0.5, Ymax = 0.328; (b) AR = 1.0, max = 0.799 and (c) AR = 2.0, Ymax = 1.08 for Ra = 10'.
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of mean Nusselt number and non dimensional maximum
vertical velocity are compared with the numerical results
of Hawkines et al. [3] in Table 3. Maximum deviations of
1.2% and 4.4%, respectively, in the Nusselt number and
the non-dimensional maximum velocity are observed. Figs.
3 and 4 show the temperature contours and velocity vec-
tors, respectively (for Ra 10%, 10° and 10%). It is interesting
to observe that although the boundary conditions are sym-
metric about x/W = 0.5, the resulting natural convection is
not symmetric. Typically, a unicell flow pattern is observed
with secondary vortices around the corners. The flow dis-
tribution is anti-symmetric about the diagonal connecting
the lower left corner and the upper right corner. It is clear
that the results obtained from present code compare well
with the published results.

The problem under investigation corresponds to a situ-
ation of unstable stratification with the bottom wall heated.
For laminar natural convection in enclosures with bottom
wall heating, researchers [2,17] have observed oscillatory
convection. Hence, it is essential to verify whether such
oscillatory convection prevails for present enclosures.
Towards this the governing Egs. (1)-(6) are solved in their
transient form for some representative cases. The evolution
of average Nusselt number on the hot wall as a function of
time is presented in Fig. 5 for Ra 10® and 10'°. It can be
seen that the Nusselt numbers reach non-oscillatory stable
steady value after about 200 s. Also, these stable values of
Nusselt number are exactly same as those predicted by
solving the steady state form of governing equations, which
are discussed in the subsequent section. The transient evo-
lution of Nusselt numbers on the four walls of the enclo-
sure for Ra = 10® is depicted in Fig. 6. It can be seen that
that the individual Nusselt numbers on all the four walls
attain, the stable steady value, which are again equal to
those obtained from steady state solution. Thus these exer-
cises demonstrate the adequacy of the steady state formu-
lation and the resulting solution for the problem of
turbulent natural convection in an enclosure whose bottom
wall is heated.

These validation studies demonstrate that the code
developed is capable of predicting natural convection in
enclosure for stable and unstable stratification, both in
the laminar and turbulent regimes.

4. Results and discussion

To understand the flow and heat transfer characteristics
for turbulent natural convection in the enclosure, depicted
in Fig. 1, four major influencing parameters are considered
and the results obtained are given below in separate subsec-
tions. In the first subsection 4.1, the walls of the enclosure
are assumed to be very thin and the external heat transfer
coefficient is infinite. This leads to the bottom wall being
isothermal at T}, and the other three walls being isothermal
at temperature 7.. Since the walls are at isothermal condi-
tion, surface radiation has no role in modifying the wall
temperatures. So there is no interaction between natural

convection and surface radiation in the transparent med-
ium. In the second subsection 4.2, the surface radiation
interaction with turbulent natural convection is considered
for 108 < Ra < 10'%. The third subsection 4.3 details the
influence of the emissivity on the overall heat transfer
and in the last subsection 4.4, the effect of the wall heat
transfer coefficient is studied, in detail.

4.1. Flow field and heat transfer in the enclosure for pure
convection cases

Fig. 7 shows streamlines and isotherms for Ra = 10'?
with three different values of AR. The temperature con-
tours are plotted for 20 equally spaced values. For an
aspect ratio 0.5, a double cell flow pattern similar to Ray-
leigh Bénard convection is seen with the plume nearly at
the centre of the enclosure. Individual cells are not identi-
cal, with the right cell being weaker. When the AR
increases, this discrepancy further increases leading to a
primary counter clockwise vortex cell with a weak second-
ary vortex at the top right corner.

Interestingly, it was observed that the location and
direction of these vortex cells get exactly interchanged
when an initial disturbance is given to the flow field. It
may be noted that the grids used in these computations
are symmetric in the X-direction. The distribution of con-
vective Nusselt number on the bottom wall for these two
different solutions are presented in Fig. 8, for AR =1
and Ra = 10®. The first solution is obtained with initial
conditions corresponding to the rest state (i.e., u =0 and
v=0) and leads to an anti-clockwise primary cell. When
the solutions are obtained with initial guess values of veloc-
ities, steady state solutions are obtained leading to a clock-
wise rotating primary cell. Both solutions lead to the same
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Fig. 8. Distribution of convection Nusselt number on the bottom wall for
Ra=10% and AR = 1.0.



634 A.K. Sharma et al. | International Journal of Heat and Mass Transfer 50 (2007) 625-639

average Nusselt number values with a marginal loss in
symmetry, when one considers the distribution of the local
convective Nusselt numbers on the bottom wall. This
establishes that for turbulent natural convection in enclo-
sures, depending on the initial disturbance in the enclosure,
the flow field will set in any direction and is not symmetric.
The flow pattern may also change from monocellular to
bicellular. A similar phenomenon in laminar natural con-
vection has been observed by Hasnaoui et al. [2] and
Ridouane et al. [17], which investigated laminar natural
convection in a square cavity heated from below and
cooled from the top.

Streamlines

D

Fig. 9 depicts stream lines and isotherms for a particular
aspect ratio of 1 for various values of Ra number. The nat-
ural convective velocity in the enclosure is known to scale
as H'? and circulation rate, ¥, scales as velocity x H or
Ra'?. The maximum value of the stream function for var-
ious Ra values is found to be in good agreement with this
scaling. It is clear that at small values of Ra, the isotherms
fill the enclosure in a relatively uniform way and as Ra
increases, the isotherms are concentrated close to the walls,
leading to a nearly isothermal bulk fluid at the central part
of the enclosure. The temperature of the bulk fluid is nearly
0.25 as expected. The average Nusselt number on the

Isotherms

('(’

O[

jﬁ
»

]

Fig. 9. Streamlines and isotherms: (a) Ra = 108, Vmax = 0.011; (b) Ra = 10'°, Vmax = 0.0926 and (¢) Ra = 10'2, Vmax = 0.799 for an enclosure with

AR = 1.0.
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Table 4
Average Nusselt number on the hot floor for an infinite external heat
transfer coefficient in enclosures of different aspect ratios

Rayleigh Average Nusselt number

number AR =0.5 AR =1.0 AR =15 AR =20
108 71.0 80.4 87.1 98.4

10° 144.8 166.7 190.7 208.1
10'° 308.6 360.7 419.9 449.1
10 686.8 788.2 955.9 1043.9
102 1537.1 1820.5 2085.4 2197.3

bottom hot wall for various aspect ratios of the enclosure
for 108 < Ra < 10" are given in Table 4. With regard to
the variation of the convection Nusselt number (Nuc) as
a function of the aspect ratio AR, when this ratio increases,
Nuc increases. For a low Ra of 108, as the aspect ratio
increases stratification in the core region is reduced and a
marginal increase in the heat transfer occurs with an
increase in AR. However, as Ra increases there is quite a
sharp increase in the heat transfer rate from the bottom
of the enclosure, for a given AR (Table 4). This is because
as Ra increases, and consequently the circulation inside the
enclosure, the hotter fluid tends to occupy the centre
region, compressing the isotherms near the cold walls and
near the heated floor.

Streamlines (€ = 0)

o

A correlation has been developed to predict the overall
heat transfer rate from the enclosure, for the pure convec-
tion cases using multiple linear least square regression and
this is

Nuc = 0.152 AR Rq"* (11)

where Ra is defined based on the enclosure width. Eq. (11)
has a correlation coefficient of 99.9% and the standard
error on the exponent of Ra is +0.002 while the standard
error on the exponent 0.267 is +0.014. The correlation
has an RMS error band of £3% and is valid for the follow-
ing range of parameters: 10% < Ra< 1012, 0.5 < AR <2.0.
Alternatively, one may adjust the exponent of Ra to the
more commonly used 1/3 and upon doing this, the constant
of the correlation (Eq. (11)) becomes 0.177.

4.2. Interaction of natural convection and surface radiation

For finite values of the heat transfer coefficient on the
external surfaces of the cold walls, the wall temperature
distribution depends on the heat balance among convec-
tion/radiation on the internal surfaces, conduction in the
walls and convection from the external surfaces. The inter-
nal natural convection depends on the wall temperature
distribution, thus bringing in, interaction between natural
convection and surface radiation. To enable detailed

Isotherms (£ = 0)
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Fig. 10. Streamlines and isotherms: (a) Ra = 10%, Ymax = 0.00981 and (b) Ra = 10'%, Yax = 0.340 for enclosure of AR = 1.0 (¢ = 0, fieey = 5 W/m? K).
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understanding, the wall thickness is taken to be negligible
to avoid longitudinal heat conduction in walls.

The flow and temperature distribution in the enclosure
for a limiting case of zero emissivity at Ra of 10® and
10'2 for unit aspect ratio are presented in Fig. 10a and b,
respectively. It can be seen that as a result of finite external
convection, the temperature distribution on the cold walls
has got modified. This completely changes the flow distri-
bution in the enclosure to a double cell pattern compared
to the unicell pattern observed in the case of infinite exter-
nal heat transfer coefficient (Fig. 9¢c). Due to an increase in
the temperature levels of the cold wall, the magnitude of
natural convection velocity has been reduced. This is clear
from the reduction in the maximum stream function value
from 0.799 to 0.340, as, for example, when Ra = 10'2,

In order to understand the significance and role of radia-
tion, the emissivity of the walls is set to 0.9. The correspond-
ing flow and temperature distribution are shown in Fig. 11a
and b for Ra of 10® and 10'?, respectively. As a result of sur-
face radiation, the temperature levels of cold wall increase
further, which further dampens the natural convection. This
is clear from the reduction in the maximum stream function
value from 0.340 to 0.314 for Ra = 10'2. Similar results were
also obtained for a Rayleigh number of 10'".

The non-dimensional gas (air) temperature distribution
along the mid height of the enclosure and along the mid

Streamlines (€ = 0.9)

width of the enclosure is depicted in Fig. 12a and b,
respectively, for Rayleigh number 10'°. It is clear from
these figures that for ¢ =0, the overall temperature level
of the walls and gas in the enclosure is less than that for
e=0.9.

Values of convective, radiative and overall mean Nusselt
numbers on the hot floor of the square enclosure are pre-
sented in Table 5, for various values of Ra. Comparing
Tables 4 and 5 for pure natural convection cases of
AR = 1.0, it is clear that for a finite external heat transfer
coefficient the Nusselt number is only about 60% of the
value corresponding to case of an infinite heat transfer
coefficient. This is due to an overall reduction in the con-
vective flow, which is a consequence of the reduction in
the effective driving temperature difference between the
hot and cold walls.

Similarly, on comparing the convective Nusselt number
for e =0and ¢ = 0.9 in Table 5, it is clear that surface radi-
ation reduces natural convection by reducing the effective
driving temperature difference leading to a reduction of
approximate 25% in the convective Nusselt number. But
the contribution of radiation is of similar order as that of
natural convection. Interestingly, the total contribution of
natural convection and surface radiation is very close to
the natural convection contribution with infinite external
heat transfer coefficient (Table 4).

Isotherms (€ = 0.9)
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Fig. 11. Streamlines and isotherms: (a) Ra = 105, Vmax,» = 0.0085 and (b) Ra = 102, Vmax,r = 0.314 for enclosure of AR = 1.0 (6 = 0.9, /ey =5 W/m? K).
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Table 5
Average Nusselt number on the hot floor for a finite external heat transfer
coefficient of 5 W/m? K in an enclosure of AR = 1.0

Rayleigh Pure convection Convection with radiation interaction

number (¢ =0.0) (¢=10.9)
Nu Nug Nuc Nut

108 47.19 38.51 35.24 73.75

10° 101.26 83.31 75.83 159.14

10'° 219.68 178.86 165.43 344.29

10' 508.19 379.05 387.26 766.31 1
102 1174.24 806.25 871.3 1677.55 0 T S A

10° 10° 10" 10" 10"
Ra

4.3. Effect of the wall emissivity on the heat transfer from the Fig. 13. Variation with Ra of: (a) Nuc; (b) Nug and (c) Nuy for various
enclosure values of the emissivity.

The effect of wall surface emissivity is analysed for

10® < Ra < 10", for an enclosure of AR = 1.0, with a con-  of the cold walls. The emissivity value is varied from 0 to
vective heat transfer of 5 W/m? K on the external surfaces 0.9 and the individual contributions of convection and



638 A.K. Sharma et al. | International Journal of Heat and Mass Transfer 50 (2007) 625-639

radiation to the total Nusselt number are presented.
Fig. 13(a—c), show the variation of convective Nusselt num-
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Fig. 14. Variations with Ra of: (a) Nuc; (b) Nugr and (c) Nur for various
convective heat transfer coefficients at outer surfaces of the enclosure.

ber (Nuc), Radiative Nusselt number (Nug) and total Nus-
selt number (Nut) with Ra number, for different values of
emissivity. Surface radiation is seen to reduce the convec-
tive Nusselt number. Larger the value of emissivity, larger
is the reduction in convective Nusselt number. This reduc-
tion is about 18-27% and the same is compensated well by
radiation heat transfer. With an increase in the emissivity,
the temperature of the cold walls increases which reduces
the driving temperature difference for convection, leading
to a reduction in the convective heat transfer. The radiative
Nusselt number increases sharply with increase in emissiv-
ity. For the high emissivity (¢ = 0.9), the radiative Nusselt
number becomes nearly equal to the convective part.

4.4. Effect of external heat transfer coefficient

The influence of the external heat transfer coefficient
(hexy) On the outer surfaces of the cold walls is also studied
in detail for a square enclosure. The heat transfer coeffi-
cient is varied from 5 to 40 W/m?> K, which is in the range
of heat transfer coefficients obtained for the probable wind
velocities existing around the practical enclosures and from
the experimental data of Clausing et al. [18]. Fig. 14(a—c),
show the dependence of convective, radiative and total
Nusselt number on external heat transfer coefficient for
various values of Ra. It is seen that as the external heat
transfer coefficient increases, the cold wall temperature
decreases enhancing the driving temperature differential
for natural convection. As a result of these, both the inter-
nal convective and radiative Nusselt numbers increase and
thereby there is a significant increase in the total Nusselt
number. The increase in the convective part is found to
be significant compared to that in radiative Nusselt num-
ber. For a fixed value of Ra, an increase in ‘/i.y, by 8 times
increases the convective Nusselt by ~90% and radiative
Nusselt number by ~50%. Hence the total Nusselt number
is increased by about 70%.

5. Conclusions

Turbulent natural convection coupled with surface radi-
ation has been studied numerically in enclosures heated
from bottom. The comprehensive 2-D numerical model
considers turbulent natural convection of fluid in the enclo-
sure, surface radiation heat transfer among the walls, lon-
gitudinal heat conduction in the walls and external
convection from the walls simultaneously. Studies have
been carried out for a wide range of influencing parameters
viz. Rayleigh number, enclosure aspect ratio, emissivity of
the wall surface and external heat transfer coefficient. It is
seen that the flow distribution in the enclosure is influenced
by the external heat transfer coefficient and surface radia-
tion for Rayleigh number >10"". A unicell flow pattern
for aspect ratio >1, in the case of isothermal cold walls
changes to a double cell flow pattern for conducting and
radiating enclosure walls. A correlation for the average
convection Nusselt number of heated wall is derived in
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terms of Rayleigh number and aspect ratio. Surface radia-
tion is found to dampen natural convection and as a result
the convective contribution to heat transfer is reduced by
~18-27%. However, this reduction in the convection effect
is principally compensated by the contribution of radia-
tion. These results emphasise the need for coupling radia-
tion and convection for accurate prediction of heat
transfer in enclosures. The effect of an increase in the exter-
nal convective heat transfer coefficient on the enclosure
walls is more pronounced on the convective heat transfer
from the enclosure compared to its effect on radiation.

The enclosures considered in this study represent a sim-
plified geometry compared with the situations usually
found in practice. Even so, it provides conditions within
which the fundamental mechanisms governing the wall
heat transfer and fluid flow under the influence of gravity
can be studied. It is therefore hoped that this kind of inves-
tigation would lead to an improved knowledge and add to
the existing database necessary to (1) evaluate and improve
natural convection and radiative cooling capabilities of
nuclear reactor subsystems and (2) improve current build-
ing design and practice, where saving of energy, thermal
comfort, moisture and pollutant transfer, and control of
fire and smoke spread are of prime importance.
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